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Abstract - This work investigates the characteristics and performance of natural convection from locally heated horizontal rectangular 

plate-fin heat sinks using 3-D unsteady numerical analysis.  Different fin lengths (L = 128 or 254 mm), fin heights (H = 38 or 45 mm), 

heat fluxes (q = 0.9 or 1.8 W/cm2), and heater positions (symmetric or asymmetric heating) are examined.  For these long heat sinks, 

oscillating sliding-chimney plume always prevails to yield oscillating heat transfer coefficients.  For each case, the time-averaged overall 

heat transfer coefficient ℎ̅ and the averaged base plate temperature 𝑇̅𝑏 are calculated.  The 𝑇̅𝑏  is then used as the input uniform temperature 

to obtain the equivalent time-averaged overall heat transfer coefficient ℎ̅𝑒𝑞.  For all the investigated cases, ℎ̅𝑒𝑞  differs from ℎ̅ by less than 

4%.  This means that ℎ̅ for a locally heated condition may be equivalently obtained employing empirical Nu correlations derived for 

uniform-temperature horizontal heat sinks, as long as the average base temperature 𝑇̅𝑏  is used. 
 

Keywords: Natural convection, plate fin heat sink, horizontal heat sink, sliding-chimney plume. 

 

 

1. Introduction 
Natural convection from rectangular plate-fin heat sinks has been intensively studied in response to its wide application 

on the thermal management of electronic devices and LED lamps.  To focus on the effects of various geometric parameters, 

such as the length, height, spacing, and width (or fin number) of the fins, the heating conditions have almost always been 

uniform in temperature or heat flux.  The empirical Nusselt number (Nu) correlations for heat transfer performance have 

been all derived for conditions with uniform base-plate temperature.  In actual applications, however, the heat sinks are 

locally heated by single or multiple sources so that the base-plate temperatures are highly non-uniform.  To our knowledge, 

only Von de Pol and Tierney [1] mathematically handled locally heated vertical heat sinks with a heat source positioning at 

the middle of the heat sink base plate.  Considering a vertical heat sink as a series of adjacent, U-shaped channels, the thermal 

dissipations from each of the channels, at respective approximate average temperatures, were determined using the empirical 

Nu correlation associated with U-shaped channels.  The average temperatures of the individual channels were obtained 

through iteration based on one-dimensional conduction in the base and simplified energy-balance of the entire heat sink.  The 

model predictions of the heat source temperature agreed well with experimental results for a variety of heat sink sizes.  

According to the work of Von de Pol and Tierney [1], the Nu correlations derived from uniform-temperature conditions may 

be used to approximately estimate the thermal performance of a heat sink with non-uniform base-plate temperatures, if the 

average temperature of each individual channel can be obtained.  However, this method has not been followed up with further 

detailed investigation or verification.  Clear guidance is needed for how to apply the uniform-temperature Nu correlations to 

actual situations with large temperature variations. The present study aims to provide such a guidance.  Horizontal rectangular 

plate-fin heat sinks are considered because they are widely used for electronics cooling and their flow characteristics are 

more complex than vertical heat sinks.  The following is a literature survey on natural convection from horizontal rectangular 

plate-fin heat sinks. 

Harahap and McManus [2] were the pioneers to observe different flow patterns associated with horizontal rectangular 

plate-fin heat sinks with different fin heights (L = 127 and 254 mm) and spacings (S = 6.4 and 8 mm).  For short L (127 mm) 

with large Hs (25 and 38 mm), a stable single-chimney plume was observed.  For long L (254 mm) with small Hs (6.4 and 

13 mm), sliding-chimney plumes appeared, sliding back and forth along the longitudinal direction.  Jones and Smith [3] 

focused on the effect of S by testing long fin arrays with a fixed length L = 254 mm.  The data show that the time-averaged 
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overall convection heat transfer coefficient h  depends strongly on S but weakly on H.  Considering S as the characteristic 

length of the Nu and the Gr, their empirical correlation presents good agreement with the experimental data.  Leung et al. [4, 

5] experimentally studied the effects of S, L, H, and T, the temperature difference between the fin base and the environment, 

on the heat transfer rate.  The Sopt was found to increase significantly with increasing L and decreasing H but decrease slightly 

with increasingT [4].  Harahap and Setio [6] modified the correlations of Harahap and McManus [2], which adopts L as 

the characteristic length. 

Other experiments dealt with short heat sinks with L ≦ 100 mm [7, 8], for which the stable single-chimney plume pattern 

prevails.  For a fixed L = 100 mm, Yüncü and Anbar [8] indicated that the heat transfer rate strongly depends on the fin 

spacing and the number of fins for a given T.  The Sopt is insensitive to T but decreases with increasing H.  Mobedi and 

Yüncü [9] and Dialameh et al. [10] conducted 3-D numerical analysis for short heat sinks.  Baskaya et al. [11] applied a 3-

D steady-state numerical model to long horizontal fin arrays without considering the presence of unsteady sliding-chimney 

plumes. 

The interesting finding of the sliding-chimney plumes under large L by Harahap and McManus [2] was carefully 

investigated by Huang and Wong [12] using a 3-D unsteady numerical analysis. The dynamic characteristics of the natural 

convection from horizontal rectangular heat sinks were explored for a wide range of L = 56–500 mm under a fixed S = 6.4 

mm and two heights H = 6.4 and 38 mm.  The developing process of the sliding-chimney plumes for long heat sinks was 

described in detail.  When the airflow drawn in from the ambience is sufficiently heated in the midway toward the central 

region, air bulbs are lifted by buoyancy. Then, downward airflow from the upper ambience is induced and leads to local 

recirculation and the subsequent oscillatory sliding-chimney plume.  In agreement with the experimental observations [2], 

the numerical results exhibit stable single-chimney plumes for short fins and the evolution of unsteady sliding-chimney 

plumes for L larger than about 100 mm.  With the transient behavior properly managed, the numerical results exhibit good 

agreement with the empirical Nu correlations of Harahap and McManus [2] and Jones and Smith [3] for long heat sinks.  

Wong and Huang [13] further conducted parametric study for long heat sinks (L = 128, 254 and 380 mm) over wide ranges 

of H and S.  The predicted dependence of Sopt on H and L agrees well with experimental results and is explained based on 

numerical results of flow and heat transfer characteristics. 

After the pioneering work of Harahap and McManus [2], the flow and thermal mechanisms of natural convection from 

horizontal rectangular plate-fin heat sinks have now been clearly understood.  However, all these studies pertain to conditions 

with a uniform heat sink base temperature.  It is necessary to study how these empirical Nu correlations [2-6] can be applied 

in a proper manner to actual heat sinks with large temperature variations in the base plate.  Following the way of previous 

numerical studies [9-13], only single fin channel is considered.  The flow and thermal characteristics associated with locally 

heated fin channels will be numerically investigated.  The average heat transfer coefficients and the average base plate 

temperatures will be obtained.  Then, the average heat transfer coefficients corresponding to the uniform-temperature 

conditions with the average base plate temperatures will be obtained and compared with the results for the original locally 

heated conditions. 

 

2. Theoretical Model 
2.1. Computational Domain 

For analysis of a locally heated heat sink channel, there is no symmetry benefit over the length of the heat sink except 

for the special case where the heater is placed in the middle.  But if the heat flux is uniform across the channel width, 

symmetry holds with respect to the longitudinal mid-plane of the channel.  In Fig. 1a, the computational domain includes the 

whole half channel and extension regions at both ends and above the channel.  The solid phase includes a half fin and a half 

base plate of the channel.  The total length, height and width of the computational domain are 3L,10H+b, and (S+)/2, where 

H, L, S, and , are the height, length, spacing and thickness of the fin, respectively, and b is the base-plate thickness.  When 

the heater is centralized, symmetric analysis may be used with the domain shown in Fig. 1b.  The total height, length, and 

width of the computational domain are 1.5L, 10H+b, and (S+)/2, respectively.  For conditions with uniform base plate 

temperature, the base plate can be further excluded.  The total height, length, and width of the computational domain are 

1.5L, 10H, and (S+)/2.  Hexahedral mesh is adopted, as representatively shown in Fig. 2 for a symmetric and an asymmetric 

situation with L = 254 mm and H = 45 mm.  Fine grids are used within the flow channel.  Moreover, finest grids are formed 
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to treat the large gradients in the boundary layers adjacent to the solid surfaces.  Grid independence tests on the flow channel 

of fin arrays have been conducted.  The smallest grid size, adjacent to the channel wall, is selected to be 0.5 mm, as the 

resultant ℎ̅s differs from those obtained using a smallest size of 0.25 mm by only 0.2%.  Domain independence tests have 

been conducted for symmetric situations.  Accordingly, the extension height of 9H and extension length of L are selected.  

The grid numbers range from 443,941 for L = 128 mm and H = 38 mm with symmetric heating to 2,188,006 for L = 254 mm 

and H = 45 mm with asymmetric heating. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 
Fig. 1 Computational domain, (a) symmetric heating, (b) asymmetric heating. 

 

 

 

 

 

 

 

 

 

 

 
Fig. 2: Typical grid patterns (L=254mm, H=45 mm), (a) symmetric heating, (b) asymmetric heating. 

 
2.2. Governing Equations 

The following assumptions are made: 

1. The flow field is incompressible laminar flow. 

2. The Boussinesq approximation is assumed with the coefficient of thermal expansion  = 1/T∞ and the fluid density 

evaluated at T∞ [14].  The other fluid properties are temperature-dependent by interpolating the data provided in [15]. 

3. The heat flux is uniform across the channel width. 

4. Radiation heat loss is ignored. 

For the gas phase: 

Continuity equation: 

 ∇ ∙ 𝐕 = 0 (1) 

Momentum equations: 

∂𝑢

∂𝑡
+ (𝐕 ∙ ∇)𝑢 = −

1

𝜌∞
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+ ∇ ∙ (𝜈∇𝑢), (2) 
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∂𝑣

∂𝑡
+ (𝐕 ∙ ∇)𝑣 = −

1

𝜌∞

𝜕𝑝̂

𝜕𝑦
+ ∇ ∙ (𝜈∇𝑣) + 𝑔𝛽(𝑇 − 𝑇∞), 

 

(3) 

  

∂𝑤

∂𝑡
+ (𝐕 ∙ ∇)𝑤 = −

1

𝜌∞

𝜕𝑝

𝜕𝑧
+ ∇ ∙ (𝜈∇𝑤), (4) 

  

where ,  and p are the density, kinematic viscosity and static pressure of air, respectively, 𝐕 = 𝑢i+vj+wk, and  𝑝̂ = 𝑝 +
𝜌∞𝑔𝑦. 
 

Energy equation: 

∂𝑇

∂𝑡
+ (𝐕 ∙ ∇)𝑇 = ∇ ∙ (𝛼∇𝑇). (5) 

For the solid phase: 

∂𝑇

∂𝑡
= ∇ ∙ (𝛼𝑠∇𝑇). (6) 

  

In Eqs. 5 and 6,  and s are the thermal diffusivity of air and aluminium alloy, respectively. The thickness of the 

aluminium fins is 1 mm, the base plate thickness is 6 mm, and the thermal conduction used in computations is 202.4 W/mK. 

 
2.3. Boundary Conditions 

The boundary conditions of the computational domain are shown in Fig. 1.  In Fig. 1a, a uniform heat flux is applied to 

the heating area, while other area on the bottom surface is subjected to an adiabatic condition.  Symmetric boundary 

conditions, 
∂𝑢

∂𝑦
=

∂𝑣

∂𝑦
=

∂𝑤

∂𝑦
=

∂𝑇

∂𝑦
= 0, are applied at the longitudinal mid-channel plane and the transverse mid-plane of the 

channel.  The top, side, and bottom surfaces of the extension region are open boundaries subjected to zero velocity derivatives 

in the normal direction.  The no-slip condition is imposed on solid surface with 

 

𝑢 = 𝑣 = 𝑤 = 0 (7) 

On fin and base surfaces, 

𝑇𝑤 = 𝑇𝑎 (8) 

𝑘
∂𝑇

∂𝑛
|

𝑤
= 𝑘𝑎

∂𝑇

∂𝑛
|

𝑎
 

(9) 

where n is the normal direction of a surface. 

The average base temperature 𝑇̅𝑏 is determined as 

𝑇̅𝑏 =
1

𝐴𝑏𝜏
∬ 𝑇𝑏𝑑𝐴𝑏𝑑𝑡 

(10) 

where Tb is the temperature distribution over the bottom surface of the base plate, Ab is the surface area of the bottom surface, 

and  is the time integration duration.  The local heat transfer coefficient h is determined by 

 

ℎ(𝑡) =
𝑞𝑤(𝑡)

𝑇𝑤(𝑡) − 𝑇∞
 

(11) 

 

where qw and Tw are the local heat flux and temperature on the fin or the base wall, respectively.  The average heat transfer 

coefficient over channel surface is 
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ℎ𝑎𝑣𝑔(𝑡) =
1

𝐴𝑤
∫

𝑞𝑤(𝑡)

𝑇𝑤(𝑡) − 𝑇∞
𝑑𝐴𝑤  

(12) 

 
The boundary conditions are similar in Fig. 1b, except for the symmetric conditions imposing on the vertical transverse mid-

plane of the channel. 
 
2.4. Numerical Method 

The commercial software ANSYS Fluent v15.0 was utilized for solving the velocity and temperature fields.  

Conservation equations (1)–(5) were solved by a pressure based solver and coupled with the heat conduction equation (6).  

A first-order temporal discretization was adopted with truncation errors of O(Δt).  The non-iterative PISO (Pressure-Implicit 

with Splitting of Operators) method [16] was adopted for unsteady simulation to speed up the transient simulation.  The time 

step for computation was 0.002s, for which the results in ℎ̅ were different from those for a time step of 0.0002 s by only 

0.25%.  The maximum residuals for convergence were 10-4 for the continuity equation, 10-4 for the momentum equations, 

and 10-8 for the energy equations.  To save the computational effort, steady-state simulation was first conducted, whose 

residuals could reach only about O(10-1) or O(10-2), and the steady-state results were used as the initial guesses for transient 

simulations. 

For the present long heat sinks, the sliding-chimney plume yields an oscillating havg (t) history as shown in Fig. 3.  To 

evaluate the time-averaged overall heat transfer coefficient ℎ̅ over the unsteady havg history, we follow the practice of Huang 

and Wong [12, 13], in which the ℎ̅ values are calculated over 20–30 s.  In fact, different time-averaging durations have been 

tested: between 18–30 s, 20–30 s, or 22–30 s.  The differences in ℎ̅ for different durations are found within only ±0.3%.  

Therefore, time averaging is made over the period between 20 s and 30 s as 

 

ℎ̅ = ∫ ℎ𝑎𝑣𝑔

30𝑠

20𝑠

(𝑡)𝑑𝑡. 
(13) 

 

For short heat sinks, the plume is steady-state if the heater is positioned at the center of the heat sink.  In these cases, steady-

state analysis without the transient terms is adopted. 

 

 

 

 

 

 

 

 

 

 

 

 

 
Fig. 3: History of havg(t) for the channel with L=254mm, H=45 mm, and S=10mm under symmetric heating (q = 0.9 W/cm2). 

 

3. Results and Discussion 
3.1. Symmetrical Heating 

We first examined the cases with symmetric local heating.  Two channel lengths (L = 128 or 254 mm) and two fin 

heights (H = 38 or 45 mm) are selected with fin spacing S = 10 mm, near the optimum fin spacing.  The base plate thickness, 

and the fin thickness are fixed at 6 mm and 1 mm, respectively.  The heater is 44 mm in length and 5.5 mm in half width.  

Two different heating fluxes, q = 0.9 or 1.8 W/cm2, are imposed.  The ambient temperature T∞ is 20 ℃ (T∞ = 293 K). 



 

 

 

 

 

HTFF 136-6 

Fig. 4 displays an instantaneous temperature distribution of air flow over the longitudinal mid-plane of the channel (L 

= 254 mm, H = 45 mm, S = 10 mm) with symmetric heat flux q = 0.9 W/cm2.  For all present cases, strongly oscillating 

sliding-chimney flow prevails.  For each case, the time-averaged fin-base temperature 𝑇̅𝑏 is obtained. (It is noted that while 

the gas-phase temperature distributions oscillate significantly, the temperature distribution over the base plate appears rather 

stable.)  This 𝑇̅𝑏 is then used as the equivalent uniform base temperature to evaluate the equivalent overall heat transfer 

coefficient ℎ̅𝑒𝑞 .  Table 1 lists the original ℎ̅, the average base temperature 𝑇̅𝑏, the equivalent ℎ̅𝑒𝑞  at 𝑇̅𝑏, and the percent 

difference between ℎ̅ and ℎ̅𝑒𝑞 for various cases under q = 0.9 W/cm2.  It can be seen that the differences between ℎ̅ and ℎ̅𝑒𝑞 

are less than ±1.52%.  Table 2 compares ℎ̅ and ℎ̅𝑒𝑞 for q = 1.8 W/cm2, showing differences within ±2.73%.  It is noted that 

when q = 1.8 W/cm2, 𝑇̅𝑏s are so high that the Boussinesq approximation may not be suitable.  But it is clear that, ℎ̅𝑒𝑞 

approximates ℎ̅ very well for all the above cases investigated. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 
Fig. 4: Instantaneous air temperature distribution over the longitudinal mid-plane of the channel with L=254 mm, H=45 mm, and S=10 

mm under symmetric heating (q = 0.9 W/cm2). 

 

Table 1: The differences between ℎ̅ and ℎ̅𝑒𝑞 for different cases with symmetric heating (q = 0.9 W/cm2). 

 L=128 mm L=254 mm 

 
T̅b (

℃) 

h̅ 
(W/m2 K) 

h̅eq at T̅b 

(W/m2 K) 

difference in 
h̅ and h̅eq 

T̅b (

℃) 

h̅ 
(W/m2 K) 

h̅eq at T̅b 

(W/m2 K) 

difference in 
h̅ and h̅eq 

H=38mm 87.66 6.747 6.71 0.55% 69.93 3.95 3.98 -0.75% 

H=45mm 78.03 5.83 5.73 1.75% 64.66 4.02 3.96 1.52% 

 

Table 2: The differences between ℎ̅ and ℎ̅𝑒𝑞  for different cases with symmetric heating (q = 1.8 W/cm2). 
 

L=128 mm L=254 mm 

 T̅b (℃

) 

h̅ 
(W/m2 K) 

h̅eq at T̅b 

(W/m2 K) 

difference in 
h̅ and h̅eq 

T̅b (℃

) 

h̅ 
(W/m2 K) 

h̅eq at T̅b 

(W/m2 K) 

difference in 
h̅ and h̅eq 

H=38mm 133.30 5.618 5.624 -0.11% 101.74 4.89 4.76 2.73% 

H=45mm 121.32 6.69 6.674 0.24% 92.53 4.74 4.75 -0.21% 

 
 
 



 

 

 

 

 

HTFF 136-7 

3.2. Asymmetric Local Heating 
The cases with asymmetric local heating are also examined for different conditions.  The center of the heating zone is 

shifted from the center of the channel by 44 mm.  Fig. 5 presents the instantaneous temperature distribution of air flow over 

the longitudinal mid-plane of the channel (L = 254 mm, H = 45 mm, S = 10 mm) with asymmetric heat flux q = 0.9 W/cm2.    

Fig. 6 illustrates the non-uniform longitudinal temperature distribution on the bottom surface of the base plate, as well as its 

average temperature 𝑇̅𝑏 adopted to calculate the corresponding ℎ̅𝑒𝑞 .  Tables 3 and 4 compare ℎ̅ and ℎ̅𝑒𝑞  for asymmetric 

heating with q = 0.9 W/cm2 and 1.8 W/cm2, respectively.  The maximum differences are about 4%. 

These results for various conditions indicate that the heat transfer coefficient for a locally heated condition may be 

equivalently obtained employing current empirical Nu correlations, commonly derived for uniform-temperature horizontal 

heat sinks, as long as the average base temperature is used.  More work will be done to consider the temperature variation 

over the whole multi-channel heat sink with heat spreading in the base plate is accounted for. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 
Fig. 5: Instantaneous air temperature distribution over the longitudinal mid-plane of the channel with L=254mm, H=45 mm, and 

S=10mm under asymmetric heating (q = 0.9 W/cm2). 

 

 

 

 

 

                                                                                                                  

 

 

 

 

 

 

 

 

 

 

Fig. 6: Base plate temperature distribution (Tb) and average base temperature 𝑇̅𝑏 for L=254mm, H=45 mm, and S=10mm under 

asymmetric heating (q = 0.9 W/cm2). 
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Table 3: The differences between ℎ̅ and ℎ̅𝑒𝑞  for different cases with asymmetric heating (q = 0.9 W/cm2). 
 

L=128 mm L=254 mm 

 
T̅b (

℃) 

h̅ 
(W/m2 K) 

h̅eq at T̅b 

(W/m2 K) 

difference in 
h̅ and h̅eq 

T̅b (

℃) 

h̅ 
(W/m2 K) 

h̅eq at T̅b 

(W/m2 K) 

difference in 
h̅ and h̅eq 

H=38mm 89.04 5.786 5.78 0.10% 72.2 3.44 3.386 1.59% 

H=45mm 81.72 5.81 5.584 4.05% 63.65 3.71 3.76 -1.33% 

 

Table 4: The differences between ℎ̅ and ℎ̅𝑒𝑞  for different cases with asymmetric heating (q = 1.8 W/cm2). 
 

L=128 mm L=254 mm 

 T̅b (℃

) 

h̅ 

(W/m2 K) 

h̅eq at T̅b 

(W/m2 K) 

difference in 
h̅ and h̅eq 

T̅b (

℃) 

h̅ 

(W/m2 K) 

h̅eq at T̅b 

(W/m2 K) 

difference in 
h̅ and h̅eq 

H=45mm 124.13 6.88 6.609 4.1% 94.08 4.54 4.607 -1.45% 

 
4. Concluding Remarks 

The characteristics and performance of natural convection from locally heated horizontal rectangular plate-fin heat 

sinks are investigated using 3-D unsteady numerical analysis.  Different fin lengths (L = 128 or 254 mm), fin heights (H 

= 38 or 45 mm), heat fluxes (q = 0.9 or 1.8 W/cm2), and heater positions (symmetric or asymmetric heating) are 

examined.  For these long heat sinks, oscillating sliding-chimney plume always prevails to yield oscillating heat transfer 

coefficients.  For each case, the time-averaged overall heat transfer coefficient ℎ̅ and the averaged base plate temperature 

𝑇̅𝑏 are calculated.  The 𝑇̅𝑏 is then used as the input uniform temperature to obtain the equivalent time-averaged overall 

heat transfer coefficient ℎ̅𝑒𝑞 .  For all the investigated cases, ℎ̅𝑒𝑞  differs from ℎ̅  by less than 4% even though the 

temperature distributions over the base plate are non-uniform.  This means that ℎ̅ for a locally heated condition may be 

equivalently obtained employing empirical Nu correlations derived for uniform-temperature horizontal heat sinks, as 

long as the average base temperature 𝑇̅𝑏 is used. 
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